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ABSTRACT
In this paper we present the results of our experimental analysis regarding the influence of additional flow when added at the radial impeller entrance
eye. This analysis was done on both operating and prerotation flow characteristics. The experimental system tested was arranged to operate using
air. The additional flow adding system (AFAS) was placed at the entrance eye of the impeller through the guide system, which consists of the spiral
volute at the entrance, ring guide pipe (where the guide vanes are placed), and a ring – like hollow at the end of the AFAS. The ring – like hollow was
placed near the shroud at the entrance edge of the impeller blades. The guide vanes in the AFAS were placed in the axial direction, so that the added
flow had no swirl component. The operating regime was tested, whereby the AFAS was filled by the flow under atmospheric pressure (non-forced
loading). A good influence was evident on the operating characteristic. The stable operating range was enlarged and the operating noise decreased.
The achieved impeller head and the overall efficiency increased.

RÉSUMÉ
Cet article présente les résultats de notre analyse expérimentale concernant l’influence d’un écoulement additionnel introduit à l’œil d’entrée radiale
d’une roue à aubes. Cette analyse a été faite pour les caractéristiques de l’écoulement en fonctionnement et également en pré-rotation. Le dispositif
expérimental a été adapté pour fonctionner en air. Le système d’apport de l’écoulement additionnel (AFAS) a été placé à l’oeil d’entrée de la roue à
aubes à travers le système guide, qui comprend la volute d’entrée en spirale, le tuyau guide en anneau (là où sont placées les ailettes de guidage), et une
cavité en forme d’anneau au bout de l’AFAS. Cette cavité en anneau a été placée près de l’anneau d’étanchéité au bord d’entrée des aubes. Les ailettes
de guidage dans l’AFAS ont été placées dans la direction axiale pour que l’écoulement supplémentaire n’ait pas de composante tourbillonnaire. Le
régime de fonctionnement a été testé, l’AFAS étant le siège de l’écoulement induit par la pression atmosphérique (sans mise en charge supplémentaire).
On a pu observer une nette amélioration des caractéristiques. La plage de fonctionnement stable a été agrandie et le bruit a diminué. La charge de la
turbine obtenue et l’efficacité globale sont améliorées.

Keywords: Radial turbomachines; operating characteristics; additional entrance flow; operating noise.

1 Introduction

Most radial impellers with the specific speednq between 20 and
35 rpm have an unstable operating characteristic (flow rate – head
curve (Q-H)). The stable part is in the area of larger operating flow
rates and is relatively narrow in respect of the whole achieved flow
rate area, up to around 40 percent of the interval between mini-
mal and maximal achieved flow rate. This fact limits the fan/pump
employability in the sense of its wider regulated operating possi-
bilities at the current flow rate or head, while the pump operating
at small flow rate (in the unstable operating range) is unstable. It
is acknowledged that, during small operating flow rates, a sec-
ondary flow, Neumann [1], is created at the impeller entrance
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(Figure 1a). This flow creates the ‘back flow – BF’ which affects
the upstream into the intake pipe (Figure 1a) at small operating
flow rates and creates the prerotation flow in the intake pipe at
some distance before the impeller entrance, in fact, a distance
up to three pipe diameters. This circulating secondary flow also
chokes the main flow at the impeller entrance and, therefore, the
active impeller trailing blade edge is narrowed. When the oper-
ating flow rate increases up to a flow rate somewhere between
critical flow rateQcr = 0.35 m3/s (where theQ-H characteristic
passes the unstable into a stable operating range), and optimal
flow rateQBEP = 0.825 m3/s for rotational speedn = 1800 rpm
(where the fan/pump is the most efficient, at BEP) the secondary
flow theoretically disappears (Figure 1b).
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Figure 1 Secondary flow at different places by different operating flow rates.

With a further increase in the operating flow rate or flow rate
through the fan/pump the secondary flow theoretically appears
only at the impeller blade exit edge (Figure 1c) near the tip shroud
of the impeller. All these situations created at different places
produce secondary flow, which has an affect on the meridional
velocity at the impeller exit as shown in Figure 1. To confirm
this statement measurements were taken of the flow velocity at
the impeller exit diameterD3m = 0.614 m. The prerotation flow
strength and the sense of rotation in the intake pipe of the exam-
ined fan or pump model, were also measured at a distance of
three pipe diameters before the impeller entrance eye.

Sipos [2] examined the secondary flows of radial compres-
sors. He concluded that the phenomenon of secondary flows is
very complex, but his experimental results confirmed the situ-
ation described in Figure 1. Mizuki and Oosawa [3] examined
the unsteady flow patterns throughout the centrifugal compres-
sor system during the rotating stall and the surge. The performed
results also confirmed the existence of the back flow at the
impeller entrance during part-load operating.

The basic idea for eliminating the affects of secondary flows
during fan/pump operating by small operating flow rates was to
perform the Eck’s theory (Eck [4]) of additional flow added at
the impeller entrance. We tried, therefore, to decrease the pre-
rotation flow in the intake pipe, improve the overall efficiency,
Predin [5,6], especially in the area of small operating flow rate
and increase the stable operating range of the tested pump model.

2 Experimental impeller with a system for adding
additional flow and inserting an anemometer with
straight blades into the intake pipe

A radial impeller with 11 back-bent untwisted blades (Figure 2,
pos. 1), with diametersD1 = 0.36 m, D2 = 0.6 and, intake

β1 = 23◦ and exit blade angleβ2 = 25◦, constant widthb1 =
b2 = 0.05 m is used for testing. At the impeller exit the diffusor
with parallel walls with 24 pivoted guide vanes (Figure 2, pos.
2) and 12 stay vanes (Figure 2, pos. 3) is placed. The AFAS
system consists of a spiral guide volute (Figure 2, pos. 4), ring
guide pipe with inner pipe (Figure 2, pos. 5) and outside pipe
(Figure 2, pos. 6), where the guide vanes (Figure 2, pos. 7) are
placed. At the end of the ring guide pipe is a ring – like hollow
with a cleft between the walls ofr = 0.005 m. The ring – like
hollow distance can be changed throughout a range of between
0.003 up to 0.006 m. The anemometer impeller (Figure 2, pos. 8)
with 6 straight blades directed in an axial direction is placed
into the intake pipe. Two inductive probes (TURCK Bi-M12-
AP6X) are placed on the outside pipe wall (Figure 2, pos. 9). This
anemometer measures the prerotation flow in the intake pipe. The
flow rate through theAFAS is up to 10% of the maximal flow rate
at BEP and is given in relative form byλ in diagram (Figure 5).
The suitable exit flow velocity from the AFAS into the impeller
eye is 2.5 times larger than the main flow entrance velocitycv,
Eck, [4]. The basicQ-H characteristic is unstable (Figure 3). The
stable part is within an operating range betweenQ/QBEP = 0.75
up toQ/QBEP = 1.25 at 1800 rpm.

3 Impeller operating characteristics, exit flow velocities
and prerotation flow

Maximal impeller pump head coefficientψ = 0.937 is achieved
at critical flow rateQcr (Q/QBEP = 0.75), where prerotation
flow in the entrance pipe changes its sense of rotation (Figure 3).
Below this flow rate the prerotation flow has a direction equal
to the impeller’s sense of rotation, and above the critical flow
rate has a direction opposite to the impeller’s sense of rotation.
It is interesting that the prerotation flow changes its direction
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Figure 2 Testing model system with AFAS.
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Figure 3 Head curve, efficiency curve and prerotation curve, without added flow.

sooner than the impeller design flow rate as it follows from the
Euler’s entrance velocity triangles (Figure 4). This shows that the
prerotation flow is arranged in the direction of lowest resistance.
In this direction the flow path is as short as possible. In this
way the friction losses at the impeller eye entrance decrease. At
the design operating point the optimal operating absolute flow
velocities in circumference diameter should be achieved. As we
already know, the energy difference achieved at flow rates in
the area of lower, under optimal flow rates, increases, whilst at
larger, over-optimal flow rates, the energy difference decreases.
However, when following the impeller operation out of the design
operating point, it cannot be predicted whether the absolute flow
velocity in the circumferential direction will be zero(c1u = 0) as
it is simply shown by the Euler’s entrance flow velocity triangles
(Figure 4b).

The flow velocity component in the tangential direction at the
entrance diameterD1 appears in the direction of the impeller

rotation (same direction asu1) when operating at under-optimal
flow rates. The cause of this flow component creation can prob-
ably be found in the appearing secondary flow near the entrance
edge of the impeller blades and in the gap between the tip impeller
shroud and the fan/pump casing. This part of the flow penetrates
through the gap between the shroud at the entrance edge and
pump casing back to the impeller eye where the flow rotates by
velocity u1 near the tip impeller shroud because of the higher
pressure at the impeller exit. This is the tongue of flow that over
the flow viscosity creates the prerotation flow in the intake pipe up
to three-intake diameter length(l ≈ 3Dv) from the impeller eye.
According to this operating regime it could be considered that
the circulation around the blades increases because of the larger
blade load (achieving larger energy difference), which causes
the increase of pressure at the impeller exit. The strengthening
of circulation around the impeller blades can be explained by the
entrance flow angle decreaseα1 (Figure 4a) at the entrance of the
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Figure 4 Euler’s entrance velocity triangles at different operating flow rate.

impeller channels or by the flow intake on the blade, where the
flow cutting and flow separation from the blade suction surface
near the blade entrance edge appears. While the flow vortices
and flow separation cause pressure decrease, the part of the flow
from the area of higher pressure (near exit edge of the impeller
blade) penetrates to the area of lower flow pressure and in this
way strengthens the circulation around the blades.

By increasing the flow rate above the optimal flow rate, the
absolute flow velocity in the circumferential direction at the
entrance diameter creates a prerotation flow in the opposite direc-
tion to the impeller rotation. To achieve any increased operating
flow rates the prerotation flow must be diverted before it reaches
the impeller eye in the direction of the smallest resistance, that is,
in the opposite direction to the impeller rotation (Figure 4c). An
increase in the flow entrance angle and, thus, a shorter entrance
path are achieved using this flow redirection. The main reason for
this increased circulation in the impeller channels is probably the
increased circulation flow in the individual impeller channels.
In this operating regime (over-optimal flow rates) the entrance
flow angleα1 increases over 90◦. The result of bigger entrance
angle would be flow separation appearing near the pressure blade
surface at the entrance blade edge. Circulation flow around the
impeller blade is created in the opposite direction to the existing
circulation around the impeller blade because of this flow sep-
aration (similar to operating with under-optimal flow rates). In
this way the circulation around the blade decreases. The result
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Figure 5 Head curve, efficiency curve and prerotation curve, with added flow.

of this decreased circulation around the blade is decreased cir-
culation at the exit diameterD2 and, consequently, the energy
difference achieved by the impeller. The operating characteris-
tic of radial impellers is mostly unstable with the stable part of
it in the area of larger operating flow rates (larger than the criti-
cal flow rate), where the operating characteristic has a decreasing
tendency. According to this, the achieved energy difference of the
impeller in the stable part of the operating characteristic decreases
with the increasing flow rate.

When operating with additional flow theQ-H characteristic
curve becomes more stable, in effect from the flow rate ratio
Q/QBEP = 0.6 up to 1.25. The achieved head coefficientψ

and impeller operating efficiencyη are also increased at almost
all operating flow rates (Figure 5). It is interesting that at small
operating flow rate the majority (75%) of the common operating
flow rate (flow rate from the main intake pipe plus flow rate from
AFAS) is taken from the AFAS (Figure 5, curve -λ).

The exit flow velocities from the impeller at the measuring
diameterD3m, between the impeller blade trailing edge and intake
edge of the guide-vanes in the guide apparatus, were measured
to confirm the existence and influence of appearing secondary
flows in the impeller. The anemometer system DISA 55 M01
was used with one channel probe DISA 55 P11. The probe was
placed into the flow at the apparent streamlines in the impeller
or guide apparatus width direction. From the measured results
(Figure 6), whilst operating without additional flow added at the
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Figure 6 Exit flow velocities from the impeller; (a) meridional and (b) tangential dir.

impeller entrance, similar velocity distribution in width direction
was confirmed as predicted (Figure 1), after considering the cre-
ated secondary flows in the impeller during operating at different
operating flow rates.

When operating with flow rates smaller than the optimal flow
rate the velocity increase near the shroud at the impeller blade
exit edge is evident from both absolute velocities in meridional
(Figure 6a) and in the tangential direction (Figure 6b). With a
flow rate increase up to the optimal flow rate the velocities are
more equal over the width than when operating with smaller
flow rates. The flow velocities near the impeller hub shroud
increase with further flow rate increase. An equal or similar sit-
uation is evident in both absolute flow velocity directions and
accordingly the existence and position of the secondary flows
is confirmed. Exit velocities are also changed by the additional
flow added at the impeller entrance (Predin [6], and Predin and
Popovič [7]) in the width direction. The velocity increase, dur-
ing operating with added flow, is evident from the measured data
(Figure 7). The increased velocities are evident at the tip shroud
as well as at the total impeller width (Figure 7a) and accord-
ingly to this an improved impeller load in the width direction
can be concluded. This could be the reason for the increased
efficiency and energy difference or increased head coefficientψ .
The differences between the velocity profiles at different operat-
ing regimes decrease when the impeller operates with the flow
rate larger than the optimal flow rate(Q/QBEP = 1). By operat-
ing with maximal over-optimal flow rates(Q/QBEP = 1.25), the
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Figure 7 Velocity profiles in impeller width direction, (a) atQ/QBEP = 0.5, (b)Q/QBEP = 1.00, (c)Q/QBEP = 1.25.

differences are minimal (up to 11%). Good agreement between
the measured velocity curves at both operating regimes is evident
(Figure 7c). The velocities are practically equal at the larger part
of the impeller width.

Generally, it can be concluded that the additional flow added
at the impeller intake, near the tip (front) shroud, has a positive
influence on the impeller-operating load. A larger operating load
is achieved with better exploitation of the impeller width. At the
same time the absolute flow velocity at the impeller exit (in the
tangential direction) increases the pressure difference and the
energy difference. The additional flow has a beneficial effect on
larger energy differences, especially at the area of under-optimal
flow rates.

3.1 Prerotation flow

Most fluids crossing the turbo machines are viscous fluids. The
real flow through the turbomachine is turbulent in major cases.
Therefore the flow in the entrance pipe, as well as in impeller
channels, must be treated as a turbulent viscous flow. Indeed, the
bases of the prerotation flow, which is the result of the bound-
ary layer separation in the intake pipe, are: (1) the relative flow
whirls at the individual impeller channels, (2) the circulation
flows around the impeller blades and from these flows circulation
flow formed at the entrance and exit diameters of the impeller.

Circulation flow, or circulation in general, can be represented
by the curve integral of the general vector quantity, for example



212 Andrej Predin and Ignacijo Biluš

flow velocity

� =
∮

L

�v · d�l, (1)

where�v is the flow velocity vector multiplied scalarly along the
curveL. While the velocity vector is�v = (vx, vy, vz) andd�l =
(dx, dy, dz), the Eq. (1) can be written in the following form

� =
∮

L

(vx dx + vy dy + vz dz). (2)

Considering the relationship between�v · d�l = v cosαdl = vt dl

we get

� =
∮

L

vt dl (3)

wherevt is tangential velocity that flows around the rigid body
formed by curveL. In this case Eq. (3) can be used for determining
of the circulations. The circulation at the entrance diameterD1

can be written as

�1 = c1uπD1 (4)

and analogy at the diameterD2

�2 = c2uπD2 (5)

wherec1u andc2u are the absolute flow velocities in the circum-
ferential (tangential) direction at the entrance and exit impeller
diameter, respectively. The circulation in the individual impeller
channel in one plain, for example in the plain of the middle stream
surface of the impeller channel, can be determined by tangential
velocity integrating along the walls of the impeller channel at the
particular channel parts (Figure 8).
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wheret1 is pitch at the entrance andt2 at the exit diameter,llop is
blade curved length,wt is the relative flow velocity at the pressure
side of the blade andws at the suction side, respectively. In the
Eq. (8) the theoretical determination of the relative flow velocities
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Figure 8 The circulation in the individual impeller channel.

ws andwt , which change in the direction of the impeller blade,
is problematic. Eckert and Schnell [8], defined the difference in
the relative flow velocities between the pressure and suction face
of the blade as follows

(ws − wt) = 4(c2u − c3u), (9)

and

c2u − c3u = πD2
2b2c3u

8zrS
sinβ2 (10)

whereb2 is the impeller width on the impeller exit diameter,zr

number of impeller blades,β2 blade angle andS moment of cross
sectional area elementbdr of impeller blade in the elevation about
the axis with the leverr, according to Pfleiderer [11]

S =
∫ r2

r1

br dr (11)

Using these relationships in Eq. (8) we get the following equation
for circulation in the impeller channel:

�K = −c1ut1 + c2ut2 − llop
πD2

2b2c3u

2zrS
sinβ2, (12)

which can be calculated on the bases of the impeller pump
geometry.

The circulation around the impeller blade can be calculated
according to the energy difference achieved by the pump. The
torque or the moment that it is achieved is

M = zr

∫ r2

r1

�pbr dr (13)

where�p is the pressure difference which is achieved by the
impeller. Assuming this pressure difference is equal to the one
due to the energy theorem for relative flow we get withρ as
fluid density (considering that the pressure difference is equal to
the difference of the squared relative flow velocities between the
impeller entrance and exit, multiplied by the fluid density);

�p = ρ

2
(w2

1 − w2
2) (14)

and by introducing the impeller angular speedw and mass flow
rate through the impelleṙm the specific energy;

Yth = gHth = wzrρ

2ṁ

∫ r2

r1

(w2
1 − w2

2)br dr, (15)

which can be equated to theYth term according to Euler’s prin-
cipal turbine equation. Inserting after Sigloch [9],�L as the
circulation around the impeller blades, Eq. (15) is converted into:

Yth = gHth = w
zr�L

2π
= w(r2c2u − r1c1u) (16)

from where the circulation around the individual impeller blade
can be presented as

�L = 2π

zr

(r2c2u − r1c1u) = π

zr

(D2c2u − D1c1u). (17)

According to the circulations, determined at the impeller entrance
diameter�1 Eq. (4), at exit diameter�2 Eq. (5), in impeller
channel�K Eq. (12) and around the impeller blade�L Eq. (17),
two equilibrium equations, based on two different circulation
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directions (circulation in impeller channel and circulation around
the impeller blade), can be written as

�2 = �1 + zr�K, (18)

�2 = �1 + zr�L (19)

The Eq. (18) can be written for example, for the central part
of impeller channels, and Eq. (19) for the central part of the
blade from the entrance up to the exit blade edge. Equation (19)
represents the flow properties following the blade wake. In the
case of an ‘ideal’potential flow and a vanishing thin blade without
any stall the circulations, around the blades and in the impeller
channels are equal to one:

�L = �K. (20)

From both equilibrium Eqs. (18), (19) it is also evident that the
circulating flow around the blades influences the circulation at
the exit diameter�2 and, therefore, also affects the energy dif-
ference of the impeller (achieved fan’s head). The same can be
concluded for the circulation in the impeller channels. Accord-
ing to this, it is possible to conclude that the fan/pump operating
characteristic shape depends on the ratio of the circulation around
the impeller blades and circulation in the impeller channels. The
causes of the appeared circulating flows are different but they
are connected. Coriolis and body force due to the curved blades
drive the circulating flow in the impeller channel. The circulating
flow around the impeller blade is created as a result of pressure
difference between pressure and suction face of the blade surface
(flow separation). The cause of this pressure difference is differ-
ent relative flow velocities near the blade surface, which are the
cause of appeared circulation around the blade.

Equality of both circulations, therefore, exists in the following
relationship

π(D2c2u − D1c1u) =
(

πD2

zr

c2u − πD1

zr

c1u + llop(wt − ws)

)

(21)

By rearranging Eq. (21) we get the following relationship for
absolute flow velocity in circumferential direction at the inlet
diameterD1:

c1u =
(

D2

D1

)
c2u + zr llop

πD1(zr − 1)
(wt − ws) (22)

from where we can find absolute flow velocity in the circumfer-
ential direction at the outlet diameterD2 at which the equivalent
velocity c1u equals zero. This theoretically also means that the
prerotation flow in the inlet pipe does not exist. Under these con-
ditions absolute flow velocity in the circumferential direction at
outlet diameterD2 is

c2u = llopzr

πD2(zr − 1)
(ws − wt) (23)

Considering Eqs. (9) and (10) the following formula can be
derived:

c2u = llopD2b2 sinβ2

2(zr − 1)S
c3u (24)

The formula shows that the absolute flow velocity in the circum-
ferential direction at the outlet diameter depends on geometry

(llop, D2, b2, β2, S) and absolute velocityc3u behind the exit
diameter, which considers the flow slip and impeller imper-
fectness respectively. All parameters mentioned above can be
combined in a constantKR and written as:

c2u = KRc3u (25)

From Eq. (25) it is evident, thatKR considers the slip of the flow
at the impeller exit. Based on this formula the correct deriva-
tion of equations can be assumed, because the result is logically
connected with Eck’s [4] results.

This increased circulating flow causes the secondary flows
near the entrance blade edge in the intake pipe, and, similarly, as
in the case of ‘created flow – tongue’ drive the prerotation flow
some distance before the impeller eye in the intake pipe over the
flow viscosity in the opposite direction of the impeller rotation.
The directional change applies gradually which is evident from
the measured results, while after operating flow rate change, the
prerotation flow appears after a short time period, when new
operating conditions (angular speed of the anemometer impeller)
are stabilized.

The most effective operating point (BEP) is, in most cases,
somewhere in the middle of the stable operating part. If we start
our observations from Eq. (19) we can see that the circulation
at the exit diameter of the fan/pump impeller is equal to the
circulation sum of all circulations around the blades plus the cir-
culation at the intake diameter. For the area of the under- and/or
over-optimal flow rates, two conclusions (Figure 9) can be made:

(1) Constant circulation at the entrance diameter(�1 = const.)
when the circulation around the blades must be changeable
so, that it is bigger than the circulation at optimal operating
flow rate in the area of flow rates smaller than the optimal
flow rate, and smaller when the operating flow rates are larger
than the optimal, as follows from the operating curve (flow
rate-head curve).

(2) The constant circulation around the blade(�L = const.)
when the circulation at the entrance diameter must be change-
able, so, that it is larger in the area of under-optimal flow rates
and, in the area of over-optimal flow rates, smaller than the
circulation by optimal operating at the BEP.

In reality both cases interact together, so it is difficult to say
which one is constant for different operating flow rates. The fact
is that the prerotation flow is created in the opposite direction
to the impeller’s sense of rotation in the area of over – optimal
flow rates as follows from the second prediction. Creation of the
prerotation flow is, therefore, the result of the integrated circu-
lations around the impeller blades, as well as the result of the
integrated circulations in the impeller channels and circulation at
the entrance diameter of the impeller. All these acting parameters
depend on the impeller geometry, on operating conditions, and
on operating flow rate.

4 Comparison of the head/efficiency – flow rate curves

When comparing the characteristics, curves(Q/QBEP − ψ),
when operating with and without added flow (Figure 10a), it is
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Figure 9 Typically operating characteristic of the radial impellers.
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Figure 10 Flow – rate head (a), and Flow – rate efficiency (b) comparison, with and without additionally added flow at the impeller entrance eye.

evident that the head numberψ has been increased from the crit-
ical point K in the stable area as well as in the unstable area. The
average value of the head numberψ , at the stable part of oper-
ating characteristic curve(Q/Qopt − ψ) when operating with
additionally flow, has been increased up to 7.6% relative to the
head coefficient by operating without added flow. In this case
(KAFAS to K) a higher head coefficient increase up to 10% is
achieved. In the whole area of operating flow rates, at impeller
operating with additionally added flow, the head coefficient is
increased. From this fact a suitable additional flow influence on
the impeller operating characteristic can be concluded.

From the efficiency curves (Figure 10b), it is evident, that
the efficiency increases with the additional flow, especially at the
unstable operating part. The efficiency is increased up to 58.3% at
minimal, and up to 1.2% at maximal flow rates with the additional
flow. The higher efficiency increase is achieved in the area of
smaller flow rates, but this increase is relative because of the
small efficiency values. The real efficiency increase was achieved
in the stable operating range, up to the critical flow rate, where
the efficiency increases up to 12.5%. The overall efficiency at
the optimal impeller-operating regime (at best efficiency point –
BEP) by additional flow is increased by up to 8.2%.

When comparing the prerotation flow curves (Figure 11) it is
evident, that with additional flow at the impeller entrance the pre-
rotation flow changes its sense of rotation at larger operating flow
rates than by operating without added flow. At small operating
flow rates in the operating regime with added flow, the prerotation
flow intensity is smaller or almost equal to zero prerotation. It is
evident, that sense of rotation of prerotation flow is in accord with
impeller’s sense of rotation only at the smallest operating flow
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Figure 11 Prerotation flow intensity comparison.

rates (at operating regime with added flow). In contrast, when
operating without added flow the prerotation flow with small flow
rates has a direction that is equal to the impeller’s sense of rota-
tion. With increased flow rate the prerotation flow in the opposite
direction is as intensive during the operation without added flow
as when operating with added flow. This shows that additional
flow decreases the prerotation flow intensity.

5 Conclusions

According to the analyses of the prerotation flow in the entrance
pipe it can be concluded that the peroration flow appears as the
result of the circulating flow activity in the impeller channels
and/or around the impeller blades, which have (through the fluid
friction) an influence on the whirl flow in the entrance pipe.
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Prerotation flow changes its sense of rotation because of the
prerotation direction change around the impeller blades, caused
by different inlet angles of flow at the entrance rotor radii. Cir-
culation around the impeller blades has, at small (under-optimal)
flow rates, the same sense of rotation as circulation at the outlet
radii. Therefore, it increases the energy difference and, because
of the small inlet angles, causes separation of flow at the suction
side of the blade inlet edge.

There are bigger inlet flow angles and separation at the pres-
sure side of the blade edges by larger, over optimal flow rates,
and prerotation around impeller blades, therefore changes sense
of rotation into the opposite direction of circulation flow. This
change of direction causes smaller energy difference and pre-
rotation swirl to be achieved in the opposite direction to the rotor
sense of rotation.

The strength of the prerotation flow depends directly on the
circulation flow intensity around the impeller blades or in the
impeller channels. The prerotation flow increases with the flow
rate increase. This phenomenon can be predicted with suitable
mathematical – numerical accession which will be the guide line
for further investigations.

The additional flow added at the impeller entrance signifi-
cantly improves the impeller load,Q-H characteristic and overall
efficiency. At the same time the area of the stable part of the
impeller operation is extended. The area of unstable operating
Q-H characteristics is thereby decreased.

Adding additional flow at the impeller entrance can be recom-
mended, because of its beneficial influence when wider control –
in the sense of the frequent change of the operating flow rate –
is needed. Using the variant of free suction (non-forced) of the
additional flow is also recommended. The wider stable operat-
ing range provides better control than is possible without the
additionally added flow.

The achieved energy difference (or pressure difference
achieved by the impeller), as well as the overall efficiency
increase with additionally flow, are recommended for all systems
that operate over a long time period. The energy savings gener-
ated by the increased efficiency and achieved energy difference,
are significant. For systems, which only operate occasionally,
detailed calculations must be made between larger investment
costs (for the variant, with the possibility of additionally added
flow), and the achieved energy savings, in order to ensure normal
lifetime of the system.

For the impellers with larger width (higher performance types
for maximal flow rates, as well as maximal achieved pressure
differences) using the conclusions given in this article, together
with Eck’s recommendations, it can be affirmed that this system
for additional flow is almost a requirement.

Notations

b = impeller, guide ring width
c = absolute flow velocity

cm = meridional absolute flow velocity
cu = circumferential or tangential absolute flow velocity
cv = main flow entrance velocity

D = diameter
Dv = intake pipe diameter

g = gravity
H = pump head

Hth = theoretical pump head
KR = constant

l = distance
llop = blade curved length
ṁ = mass flow rate
M = torque
nq = specific speed
p = pressure
r = distance between inner and outside wall of ring – like

hollow; radii
S= moment of surface element
t = blade pitch at diameter

Q = flow rate
u = peripheral velocity of impeller
vt = tangential velocity component
vx = velocity component in x direction
vy = velocity component in y direction
vz = velocity component in z direction
w = relative flow velocity

ws = relative flow velocity on the blade suction side
wt = relative flow velocity on the blade pressure side
Yth = theoretical energy difference
zr = number of the impeller blades

Greek letters

α = angle of the absolute flow velocity
β = blade angle
� = difference
� = circulation

�K = circulation in the impeller channel
�L = circulation around the impeller blade
η = efficiency
λ = flow rate ratio of additional flow flow rate/common flow

flow rate
ρ = density

ξcu = non-dimensional coefficient of absolute flow velocity in
tangential direction

ξpre = prerotation flow non-dimensional coefficient
ψ = head coefficient
ω = angular speed

ωimp = impeller angular speed
ωpre = prerotation flow angular speed

Subscripts

0 = before impeller entrance
1 = entrance edge of impeller blades
2 = discharge edge of impeller blades
3 = entrance to guide ring

min = minimal
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cr = critical
max= maximal
imp = impeller
pre= prerotation

Abbreviations

AFAS = additional flow – adding system
BEP= best efficiency point

BF = back flow
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